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Abstract

In this report, we extend our previous work within MOU 372 on modeling and
longitudinal speed control design for heavy commercial vehicles equipped with a
variable compression braking mechanisms. Previously, we developed a detailed
crankangle based simulation model for a six cylinder, 350 hp diesel engine with
a continuously varying compression brake, that is capable of describing the in-
trinsic interactions between individual cylinder intake and exhaust processes,
turbocharger dynamics during combustion and braking modes, and the transi-
tion between those modes. Moreover, for control design and analysis purposes
we derived a low-order approximation of that model.

In this report we present our new results on developing longitudinal control
algorithms that coordinate the variable compression brake with conventional ser-
vice brakes and gear selection. Specifically, we integrate the compression brake
actuator with the service brakes and design a Pl-controller that emulates the
driver’s actions on long grades. The controller uses the engine speed measure-
ment to activate the service brakes only when retarding power of the compression
brake is insufficient. We also employ robust linear control technique using the
concept of structured singular values to design a controller that is robust to
parameter variations and model uncertainty in the CHV. Finally, we compare
the performance of this robust controller with the performance of an adaptive
control scheme that we have derived within MOU 393. The performance of all
the controllers is demonstrated through extensive simulations on the 24th order
nonlinear vehicle model developed in our previous work within MOU 372.

Keywords
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Executive Summary

In this report, we extend our previous work within MOU 372 on modeling and
longitudinal speed control design for heavy commercial vehicles equipped with
a variable compression braking mechanism. CHVs are an essential part of our
nation’s economy, and an efficient link between marine, railroad and air trans-
portation nodes. Increased highway speed and transportation demands, cou-
pled with limitations in traditional service brake actuators (friction pads on the
wheels) create a challenging control problem that requires additional retarding
actuators and coordination with service brakes. Although, service brakes can
theoretically provide a retarding power ten times higher than the accelerating
power of the vehicle, they cannot be used continuously because of the generated
heat and associated wear of the friction contacts. The presence of delays associ-
ated with the pneumatic or the hydraulic actuation subsystem impose additional
constraints on the longitudinal control of CHVs. Faced with these difficulties,
fleet and engine manufacturers are introducing additional retarding mechanisms
that can provide consistent magnitude and unlimited duration of braking force.

Good and consistent braking for CHVs can be achieved by using an engine
compression brake in addition to the conventional friction brakes. The compres-
sion brake is a retarding mechanism that enhances braking capability by altering
the conventional gas exchange process in the cylinders of the engine and effec-
tively converting the turbocharged diesel engine, that powers the CHV, into a
compressor that absorbs kinetic energy from the crankshaft. During compres-
sion braking mode the engine dissipates the vehicle kinetic energy through the
work done by the pistons to compress the air during the compression stroke.
The compressed air is consequently released into the exhaust manifold through
a secondary opening of the exhaust valve at the end of the compression stroke.
Compression brake increases the overall decelerating capability of the vehicle
and, therefore, allows to accommodate higher operational speeds. As a matter
of fact, this retarder can potentially be used as a sole decelerating actuator dur-
ing low deceleration requests. During high deceleration requests it needs to be
coordinated with the friction brakes or gear selection to provide sufficient brak-
ing power. As a result, the application and intensity of the friction brakes can
be reduced and the problems associated with wear and overheating of friction
brake actuator can be mitigated. The compression brake is the type of retarding
mechanism that we focus on in our work.

Our previous work within MOU 372 contributed to modeling of CHV's [20]-
[22]. In particular, we developed a detailed crank angle based simulation model
of a diesel engine equipped with a continuously variable compression brake. The
variability of the compression braking torque was achieved through controlling
a secondary opening of the exhaust valve of the vehicle’s turbocharged diesel
engine using a variable valve timing actuator. By employing signal processing
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to the output of our simulator, we developed a linear reduced order model that
is suitable for control design and analysis. That work bridges the gap between
the detailed crankangle-based model developed in the engine design community,
and the low order representation of engine torque response used in the vehicle
dynamics community.

In this report we present our new results on employing classical and modern
control techniques to develop longitudinal speed control algorithms that coordi-
nate the variable compression brake with conventional service brakes and gear
selection. Since the compression brake can be used continuously without danger
of damage and overheating, it is, thus, a natural actuator to be used for speed
control.

To guarantee safe and reliable operation of automated vehicles, modern speed
control systems need to provide good speed tracking performance and robustness
for a multitude of operating conditions such as vehicle mass, road grade, gear
combinations, aerodynamic drag, etc. A sensitivity analysis and an evaluation of
the model variations and uncertainties across operating regimes, that we carried
out in this report, clearly indicate that there is a significant sensitivity to changes
in the vehicle payload, gear ratios and road grades. The issue of vehicle load
changes is of particular concern in HDV, since the HDV’s mass can vary as
much as 400 percent (from a configuration of being just a tractor to having
one or more trailers) resulting in drastically different closed loop performance.
Our initial linear simulations, that we perform using standard Proportional plus
Integral (PI) controllers, indicate that these controllers have limited capability
to handle large parameter variations and uncertainties of CHVs.

To deal effectively with the large parameter variations and model uncertainty
in the CHV we investigate the application of modern robust control methodolo-
gies using the concept of structured singular values. In particular, we design
a 12th order H,, controller and a 20th order p—controller using DK iterations
that provide robust speed tracking performance and disturbance rejection for
a wide variety of operating conditions. We also summarize our work we have
done previously within MOU 393 on a model reference nonlinear adaptive con-
troller design to deal with the large variations in vehicle mass and road grade (
see [7], [10]). The performance of the H,, and p-optimal controllers is compared
with the performance of the nonlinear adaptive control scheme through extensive
simulations on the 24th order nonlinear vehicle model developed in our previous
work within MOU 372.

In the last part of the report we use a continuously variable compression
brake combined with the service brakes during high deceleration requests within
longitudinal speed control framework, and investigate the benefits of this coordi-
nated braking controller. Specifically, we design a high priority PI-controller for
the compression brake, combined with a P-controller for the service brakes. The
priority of the controllers is scheduled based on the saturation of the compression



brake. To quantify the benefits of the developed semi-autonomous, coordinated
braking system compared to manually using the service brakes alone, we estab-
lish two measures: one that is based on settling time and addresses safety, and
one that is related to the use of service brakes and addresses maintenance cost.
We show that for one specific critical braking maneuver the coordination of the
brakes reduces the use of the service brakes by a factor of 45, and that it reduces
the settling time by a factor of 2.
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Chapter 1

Introduction

Commercial heavy vehicles (CHVs) are an essential part of our nation’s economy,
and an efficient link between marine, railroad, and air transportation nodes. In
1996, the intercity trucking industry accounted for $176.8 billion in revenues and
over 2.9 million jobs [17].

In Automated Highway Systems (AHS), the major goals are to increase high-
way capacity and to enhance driving safety by automatic longitudinal control of
vehicles [4], [25]. Over the last ten years, there has been a significant improve-
ment of the reliability and efficiency of the CHV powertrain. This transformation
is primarily achieved by using lightweight material, by reducing aerodynamic
drag and frictional losses, and by employing efficient diesel engines. Managers
of truck fleets regularly choose diesel engines for their powertrains because they
operate at very lean mixtures of fuel and air, and has zero pumping losses. This
contributes to the increased fuel economy associated with diesel engines, but on
the other hand, it does not provide means for decelerating the moving engine
parts. An increase in operational vehicle speed combined with decrease of the
natural retarding capabilities in modern powertrains creates challenging braking
requirements.

Although conventional service brakes can theoretically provide ten times
higher retarding power than acceleration power of the vehicle, they cannot be
used continuously due to potential over heating and brake fading of the friction
pads in the service brakes [12]. Wear and overheating not only reduce the steady-
state authority of the friction brakes but also are a cause of uncertainty in brake

operation. In addition, the presence of delays associated with the pneumatic



or hydraulic braking systems impose additional constraint on the longitudinal
control of CHVs [27]. Thus, high retarding power with consistent magnitude
and unlimited duration is required to be able to maintain operational speed for
CHVs that are comparable to passenger vehicles, without compromising safety.
Fleet and engine manufactures develop several additional retarding mechanisms
to face these requirements. One of the most promising devices is the compres-
sion released engine brake, which can be used to increase retarding power to
accommodate higher operating speed, and to decrease service brake wear. Since
the compression brake can be used continuously without danger of damage and
overheating, it is, thus, a natural actuator to be used for speed control. This is
the type of retarding mechanism that we focus on in our work.

In our previous work within MOU 372, we developed a detailed crank angle
based simulation model of a diesel engine equipped with a continuously variable
compression brake [20]-[22]. The variability of the compression braking torque
was achieved through controlling a secondary opening of the exhaust valve of
the vehicle’s turbocharged diesel engine using a variable valve timing actuator.
By employing signal processing to the output of our simulator, we developed a
linear reduced order model that is suitable for control design and analysis. That
work bridges the gap between the detailed crankangle-based model developed in
the engine design community, and the low order representation of engine torque
response used in the vehicle dynamics community.

In this report we focus on the development of longitudinal control algorithms
to regulate the vehicle speed to the desired vehicle speed during descends on long
road grades. We employ both classical and modern control techniques for the
vehicle model developed in our previous work. Specifically, an initial design of
classical linear Proportional plus Integral (PI) controllers is carried out under the
assumption that the vehicle system may be approximated with a gain and a first
order lag. Initial linear simulations along with the sensitivity analysis indicate
that better performance can be achieved using robust and nonlinear controllers.
To account for the parameter variations and model uncertainty in the CHV
and provide robust speed tracking performance and disturbance rejection for a
wide variety of operating conditions we employ robust linear control technique
using the concept of structured singular values and nonlinear adaptive control
technique. In particular, we design a 12th order H,,-controller and a 20th order

p—controller using DK iterations, and also summarize our work we have done



previously within MOU 393 on a model reference adaptive controller design (see
[7], [10]). Through extensive simulations, using the 24th order nonlinear vehicle
model, we demonstrate the performance of the controllers.

In this report we also investigate the benefits of using a continuously variable
compression brake combined with the service brakes during high deceleration
requests within longitudinal speed control framework. Specifically, we design
a high priority PI-controller for the compression brake, combined with a P-
controller for the service brakes. The priority of the controllers is scheduled
based on the saturation of the compression brake. To quantify the benefits of the
developed semi-autonomous, coordinated braking system compared to manually
using the service brakes alone, we establish two measures: one that is based on
settling time and addresses safety, and one that is related to the use of service
brakes and addresses maintenance cost. We show that for one specific critical
braking maneuver the coordination of the brakes reduces the use of the service
brakes by a factor of 45, and that it reduces the settling time by a factor of 2.

The report is organized as follows. The operating principles of the com-
pression brake as well as two other potential vehicle retarders are described
in Chapter 2. In Section 3.1, we review a detailed crankangle-based simulation
model of a diesel engine equipped with a compression released engine brake from
our previous work [22] and the reduced order approximation of this model for
use in control design. We next describe a model for longitudinal vehicle dynam-
ics followed by linearized vehicle model in Section 3.2. A sensitivity analysis in
Section 3.3 addresses the necessary development of robust and adaptive control
algorithms. In Chapter 4, we develop nominal and robust linear PI-controllers,
and H,, and p—optimal controllers, respectively. The uncertainty models needed
for the robust design methodology are specified in Section 3.4. These linear con-
trollers are compared with a model reference adaptive controller described in
Section 4.4, and the closed-loop performance for all the controllers is demon-
strated through simulations using the diesel engine simulator in Section 4.5. A
series of driving scenarios demonstrating the improvements obtained by coordi-
nating compression brake and service brakes is presented in Chapter 5. Finally,

concluding remarks and directions of future work are made in Chapter 6.



Chapter 2

Background on auxiliary

retarders

A critical safety issue for CHVs is the vehicle retarding capability. The tur-
bocharged, compression ignition internal combustion (diesel) engine is the pre-
ferred powerplant for CHVs. Unlike gasoline engines, diesel engines operate
unthrottled, hence, the pistons do not have to work against intake manifold vac-
uum during the intake stroke. This, combined with very lean mixtures of fuel
and air, contributes to the increased fuel economy and to the decreased natural
retarding power. The need for higher brake power is addressed by truck manufac-
turers and fleet managers by the development of various retarding mechanisms
in addition to the service brakes (drum or disc brakes on the vehicle wheel). The
main categories of these retarders are engine brakes and shaft brakes. In the
first category, compression brakes enhance braking efficiency by modifying the
conventional gas exchange process. In the second category, shaft retarders are
devices attached to the transmission, driveline, or axle that use high turbulence
or electro-magnetic forces to dissipate the rotational energy of the moving parts.

Although we will concentrate on the compression brake mechanism in this

report, we briefly discuss two other commonly used retarding actuators.

2.1 Driveline Retarder

Hydraulic driveline retarders are based on the principal of hydraulic coupling

and resistance between a rotor attached to the crankshaft or driveline of the



vehicle, and the fins of a stator. Caterpillar and Voith developed manual and
automated mechanisms that allow modulated or full braking power, respectively.
These mechanisms enable smooth and somewhat controlled braking effort at non-
zero rotational speed. Allison driveline retarders apply braking power directly to
the driveline and are, therefore, used for stop-and-go driving conditions typical
for buses in intercity operation.

Electric driveline retarders by Jacobs and Rockwell International, on the
other hand, are typically based on dissipating kinetic energy from the driveline
by means of setting up a magnetic field. These mechanisms are currently the
only ones that allow integration with ABS and ATS.

2.2 Exhaust Brake

Exhaust braking is based on an add-on device that restricts the flow out of
the exhaust manifold. The result is an increase in the exhaust pressure, which
in turn decreases the output power of the engine. The exhaust brake is easy
to install, but does not provide high retarding capabilities. Jacobs and Pacific

Diesel Brake manufacture this device [2].

2.3 Compression Brake

A very promising retarding mechanism is the engine compression brake. This
retarder enhances braking capability by altering the conventional gas exchange
process in the cylinders of the engine and effectively converting the turbocharged
diesel engine, that powers the CHV, into a compressor that absorbs kinetic
energy from the crankshaft. During compression braking, fuel injection and
combustion are inhibited. Through the work done by the pistons, using the
crankshaft kinetic energy, the air in the cylinder is compressed in the compression
stroke. At the end of the compression stroke, close to the time when fuel injection
usually takes place, the exhaust valve opens dissipating the energy stored in the
compressed air into the exhaust manifold.

We call the secondary opening of the exhaust valve the brake valve opening,
and refer to the timing of this opening as the brake valve timing (BVT), ve. Due

to geometric constraints, the exhaust valve lift profile is considerably different
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Figure 2.1: Schematic drawing and traces of piston motion and valve lift profiles.

for the exhaust and brake events, as shown in Figure 2.1. For simplicity, we call
the braking-event profile of the exhaust valve the “brake valve”. The activation
of the brake valve is typically achieved through a master-slave hydraulic system.
The exact profile and timing for the brake valve are designed to maximize the
braking power; i.e., to generate the highest peak cylinder pressure. The brake
valve profile needs to satisfy constraint on component loading due to high in-
cylinder pressure, and geometric clearance between the brake valve trajectory
and the piston motion. It is this type of actuator that we focus on in this project.

Figure 2.2 illustrates the valve timing events plotted in a cylinder pressure
versus cylinder volume PV—diagram. It shows the engine operation during con-
ventional 4-stroke cycle operation (dotted line) and the 4-stroke cycle operation
during compression braking (solid line). It is generated using outputs from the
model developed in [22], for steady-state engine conditions. Note here that
steady-state conditions are defined in a cycle-averaged sense. The engine is con-
sidered at steady-state even though its crank angle based behavior is periodic,

with one firing or braking cycle as the period. In the PV -diagram, the piston



work is positive during combustion and negative during braking, since work is

given by
W = fpcyld‘/cyl-

Thus, the compression brake is a retarding mechanism that is achieved by in-
hibiting fuel injection and the combustion event, and, thereby, transforming the
engine into a compressor. In that mode, the engine acts like an energy sink [5],
because the crankshaft kinetic energy is used to compress the air during the com-
pression stroke. Close to top-dead-center (TDC) the brake valve opens (BVT)
and the compressed air is released to the exhaust manifold. Note here that in
the absence of BVT all the potential energy stored in the compressed gas will re-
turn to the wheels by the downward piston motion. During the brake event, the
kinetic energy absorbed during the compression stroke is dissipated as heat in
the exhaust manifold. The existing engine cooling system typically manages the
dissipation of the exhaust manifold heat and no additional cooling subsystems
are introduced to the engine. It is important to note that the engine temper-
ature during braking is not much lower than the one during combustion. As a
matter of fact, the overheating of the injectors during braking at long descends
is of concern to many engineers. The high temperature in the cylinders can
potentially damage the injectors that do not benefit from the cooling effect of
the fuel injection during the braking periods.

The concept of compression braking is introduced by Cummins in 1966 [5],
and typically depends on an add—on device consisting of a cast iron housing with
hydraulic circuitry added on top of the regular engine valve actuator system, that
opens the exhaust valve at fixed degrees with respect to the piston motion.

Considerable effort is dedicated to optimize the fixed valve timing to achieve
maximum retarding power for all engine speed, load, and environmental condi-
tions. The fixed brake valve timing mechanism is an on-off device and produces
a fixed brake torque for a given engine speed. However, for applications in In-
telligent Transportation Systems (ITS) full control over the brake valve timing
is desirable. A continuously varying brake valve timing allows smooth changes
in the compression brake torque response while maintaining constant engine
speed. This variability can be used in various CHV applications such as speed
regulation, brake-by-wire systems, cruise control, and finally, vehicle-following

maneuvers. Moreover, full integration of the compression brake with the service
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Figure 2.2: Cylinder pressure versus cylinder volume during combustion (dashed),

and braking mode (solid).

brakes (drum or disc brakes on the vehicle wheel rim) can be achieved. Due
to the potential benefits, many engine manufacturers are striving for variable
compression braking effort. Work is summarized by Jacobs variable brake valve
timing [14], Cummins’ discrete cylinder brake valve actuator [15], and Volvo’s
variable compression braking with exhaust throttle actuator [3].

We define the brake valve timing v., as the number of crank angle degrees
from when the piston is at top-dead-center at the beginning of the intake stroke
to the opening of the brake valve at the end of the compression stroke. The
following figure, Figure 2.3, shows compression braking power for two different
brake valve timings.

Control of the brake valve timing allows us to continuously vary the retarding

power of the compression brake mechanism. The left plot in Figure 2.4 shows
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Figure 2.3: Variable compression braking scheme.

the fixed activation of the brake valve events based on the mechanical link be-
tween the crankshaft and the camshaft. Here, the valve timing is completely
determined by the engine speed. The right plot in Figure 2.4, on the other
hand, shows a system where the valve is activated by an electro-mechanical or
an electro-hydraulic variable valve actuator (VVA). The mechanical connections
between the valve profile and the crankshaft are eliminated, allowing a wide
continuously variable valve timing.

Ll Rocker Arm Variable
T'-h-l]' Valve C VVA )17 Controller
Actuator | A
<_
Valve —> =, Pushrod o
Piceon Valve Lifter Piston
In / Camshaft
[ﬁ - {j_ - ~ Sensor
- Cam o '
Timing - T
. Chain - A

Crankshaft

Figure 2.4: Left: Conventional valve lift system for fized valve timing. Right: Valve
lift system that enables variable valve timing.



Chapter 3

Vehicle Model and Sensitivity
Analysis

In our previous work within MOU 372 we developed a detailed crankangle based
simulation model for a six cylinder, 350 Hp diesel engine equipped with a con-
tinuously varying compression brake [20]-[22]. The model was based on energy
conservation principles in addition to static engine maps provided by the man-
ufacturers, and it was capable of describing the intrinsic interactions between
individual cylinder intake and exhaust processes, and turbocharger dynamics
during combustion and braking modes and the transition between those modes.
Based on averaging and identification of the instantaneous torque response for
changes in brake valve timing and fuel flow, we then developed a reduced order,
nonlinear dynamic model of the engine as described in Section 3.1.

This reduced model is used in a vehicle model that allows us to perform a
sensitivity analysis to determine how mass and gear ratio affect the transient
engine speed during step changes in brake valve timing and grade. The analysis
indicates a need for robust and nonlinear control design to achieve good vehicle
performance for a large range of operating conditions. To prepare for the control
design that follows in the next chapter, we specify the uncertainty models needed

for the robust design methodology.
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3.1 Reduced Order Engine Model

We approximate the compression brake torque on the crankshaft, 7., by the

following polynomial parameterization (see Figure 3.1):

TQ(t) = Qp + Oél(:)(t) + OéQWb(t) + Oéng(t)(Z)(t) + Oé4(j)(t)2 + Oé5Wb(t)(:)(t)2.

(3.1)
0 T
e 1000 RPM
+ 1500 RPM
4 2000 RPM
-200 Ny
-400 -
€
£
o —600 .
o °
=
-800 *
‘N,
-1000 Ny
*
_1200 | | | | | | | |
620 630 640 650 660 670 680 690 700

BVT [deg]

Figure 3.1: Steady state map of compression braking torque.

The engine speed dynamics @(t) for the engine operating in braking mode is
characterized by the following dynamics:
o) = Ao(t) +wo

d, . . 5 d
Tw%(Aw(t)) = —Ad(t) + Aw(t) + cwE(Aw(t)), (3.2)

where wq is the nominal engine speed, and Aw is the deviation of the engine

speed; i.e. Aw(t) = w(t) — wp. The time constant 7, and the zero ¢, are given

11



by the following parameterizations:

Tw — PBl(wo,ng) (33)
Ch — PBQ(WOaWbO)- (34)

The engine signal Wj,(¢) is described by the following equations:

Wy(t) = AWy(t) + Wi,
d

d
L (AWH(B) = —AWL(H) + Ava(t) + o (Ave (1)) (3.5)

where Wy, refers to a nominal engine signal that corresponds to a nominal brake
valve timing for the engine. The time constant 7 and the zero ¢ are given by the

following parameterizations:

T = PBg(wU,Wbo) (36)
c = PB4(W0,W[,0). (37)

The input Awv, in (3.5), denotes the commanded brake valve timing from
the variable valve actuator (VVA). The equation that describes the dynamics of
A, is given by:

Ta%(A’UCb(t)) = —Avg(t) + Aug(t), (3.8)
where Aug(t) is the deviation output of the vehicle controller ug(t), and 7, is
the time constant of the valve actuator.

Currently, the conventional devices have a fixed time constant 7, of approx-
imately 0.6 seconds. This is the time necessary to pump-up the system’s hy-
draulic pressure sufficiently to open the brake valve against the high cylinder
pressure. This means that the actuator dynamics will dominate the engine dy-
namics. However, the new generation variable compression braking mechanisms
are expected to be in the order of 1072 seconds, hence, the engine dynamics just
identified will be dominating.

Under the assumption that 7, < 7 and 7, < 7, the deviation output from
the vehicle controller Awu(t) is the same as the commanded brake valve timing

Avgy; i.e.

Avep(t) = A (t) (3.9)

12
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Figure 3.2: Block diagram for reduced order engine model.

3.2 Longitudinal Vehicle Dynamics

Newton’s second law applied to a single inertial mass lumped parameter model
(neglecting slip) is used to describe the longitudinal dynamics for a class-8 com-

mercial heavy vehicle:
Jtdj :TQ—i—Tg(Fg _Fsb_Fa)- (310)

The engine rotational speed w (rad/sec) is related to the vehicle speed v

(m/sec) the following way:
vV=wry, (3.11)

where the total gear ratio r, = g:";}d depends on the wheel diameter r,,, and the

transmission and final drive gear ratio g;, and g4, respectively. The total vehicle

inertia .J; reflected on the engine shaft depends on total vehicle mass M (kg),

the engine inertia I, and the total gear ratio r4:
Jy = Mr} + L. (3.12)

In Fj, we combine the effect of gravitational force due to road grade 5 (where

we assume that 5 < 0 for descending grades), with rolling resistance f, forces:

Fg = —ryMg(cos f — f,sinf3). (3.13)
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The aerodynamic force F, that depends on the drag coefficient ¢4, the frontal

area A, and the air density p has the following expression:

1
F, = 5 peaAyriw?’. (3.14)
The conventional service brake force on the wheel F, is modeled using a
static nonlinear function, a first order differential equation with a time constant

Tsp, and a delay fg,:

Fsb = fsb(vsb)a (315)
d 1
%Usb(t + 951,) = E(USb — ’Usb(t + 951,)). (316)

The static nonlinear function is a function of the applied pedal force, or
simpler, the pedal displacement ug, (for details see [12],[23],[27]). The time
constant and time delay 7 and 6, respectively, are nonlinear and uncertain
functions of temperature and brake conditions.

It is well known that the service brakes have weak DC authority because of
overheating. The current practice of “snubbing” the service brake (application
of high pressure pulses) rather than “dragging” (application of a constant low
pressure) exemplifies their low DC authority [11].

A block diagram of the vehicle model is shown in Figure 3.3

B = Grade &
"| Rolling Resistance

b 5| Service Brake (s Aerodynamic

Actuator - Drag Forces

Tg
u . Vv
cb Compression cb
Brake Actuator 7 TQ ’ ©
Diesel Engine s > Tg >
t .

ur Fuel Injection vt Vehicle

Actuator Speed

Engine Speed

Figure 3.3: Block diagram of the vehicle model.
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By rewriting (3.10) in terms of torque instead of forces we obtain the following

vehicle model for braking only:

J(M,rg)w = TQvep,w)+TQs(B) — TQw(vep) — TQu(w).  (3.17)

The compression brake torque identified in the previous section is denoted
TQ, while T'()s denotes the torque due to road grade and rolling resistance. The
torque due to the service brakes is given by T'Q)s, while T'Q), represents the
torque due to aerodynamic drag. The total vehicle inertia is given by .J;, and it
is a function of mass M and total gear ratio .

Linearization of (3.17) at a nominal operating point, indicated by |y, leads

to the following expression:

oT oT oT
JtAw = avf |0 AUC() —+ an |0 Aw —+ agﬁ |0 AB
aTst aTQa
Ogp o Avs ow lo A (3.18)

The linearization of the compression brake torque T'() consists of a static

gain due to the linearization of (3.1) around nominal engine speed wy:

OTQ
k, = — 3.19
= Io (3.19)

= + OZ3Wb() + 20[4(.00 + 2a5Wb0w0,

and a static gain given by the linearization around nominal brake valve timing

VUeho !
oaTrQ
k‘Wb - aWb |0 (320)

2
= Q9+ azwy + QW .

In addition to the gains, T'C) contains the the dynamics described in (3.2)—(3.8).
Laplace transformation of (3.18) results in following linear model for the
vehicle dynamics:
JisAw(s) = Ga,(5)Ave(s) + G, (5)Aw(s) + G, (5)Avgy(s)
Gp(s)AB(s) + Gu(s)Aw(s). (3.21)
Grouping of terms, and closing the internal speed feedback-loop due to aero-

dynamic drag and compression brake engine speed dynamics, result in the fol-

lowing linear vehicle model for braking only:

Aw = GU(S)[GCb(S)AUCb + Gsb(s)Avsb + Gﬁ(S)Aﬁ], (3.22)
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where

c,s+1

Go(s) = [Jis— kg o (caApwory)] ™", (3.23)
cs+1
c = k - .24
Geb(s) W] (3.24)
ksbe_gsw
s = — 2
G b(S) TspS + 1 (3 5)
Gp(s) = —ryMg(cosfy— frsinfy). (3.26)
AR —»f G,
Avsb > Gsb +‘: > Gv — Aw

Ny ——» Gy,

Figure 3.4: Block diagram for linearized vehicle model for braking only.

3.3 Sensitivity Analysis

In this section, we investigate how vehicle mass, road grade and gear selection
affect the vehicle speed dynamic. A CHV is a vehicle system that can have
various configurations. The total mass for the vehicle system can vary as much
as 400 percent, from being a system of tractor alone, to being a system of tractor
pulling fully loaded trailers. The CHV is also expected to encounter various
downhill road grades, so an understanding of how this variable affects the vehicle
speed is important. Moreover, the gear selection plays an important role, and
has to be analyzed as well.

To quantify the effects mass M and gear ratio r, have on the engine speed

Aw from Awvg,, we analyze the transfer function given by (3.22)—(3.24):

Aw kw,(cs + 1) (1,5 + 1)
Avg, — (Ts+1)(1282 4+ 2¢1gs + 1)’

(3.27)
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where the time constant 7, and damping factor (, have the following form:

< (Mr? + 1)1, )1/2
Ty =

cgAywory — ky

(3.28)

¢ = (caApwory — k)2 (Mr2 + 1) — kucy + cgAywors (3.29)
, = : :
2 ((Mrg + Ie)Tw)l/Z

From the pole-zero map in Figure 3.5 it is clear that the dominant pole
corresponds to one of the roots in the quadratic part of the denominator of
(3.27). We, therefore, continue by studying the sensitivity of the roots of the

quadratic polynomial to changes in mass and gear ratio.

Pole-zero map for Open-Loop Vehicle System, CB Only

0.05

0.04- p,=-0.10 4
p,= -0.71
0031 Pg= -0.73 i

z, = -0.8
z,= -1.0

Imag Axis
T
o
(6]
%
X
Il

-0.05

I I I I
-1 -0.8 -0.6 -0.4 -0.2 0

Real Axis

Figure 3.5: Pole-zero map of the linearized compression brake model.

The steady state gain for step changes in Awv,, is

Aw ka

=0) = ) 3.30
Avgy (s ) cgApwory — ke ( )

Variations in mass do not affect the steady state speed of the vehicle but affect
the transient behavior. Also, the gear ratio appears as a cubic term in the
denominator. Small 7, (corresponding to low gear numbers) results in high
amplification, and, thus, higher steady state speed than higher gear selections.
This is clearly evident in Figure 3.6.

17



A graphical representation of the engine speed’s sensitivity to mass and gear
changes, for a step input in brake valve timing, is shown in Figure 3.6. We show
the engine speed time responses for three different vehicle masses and gear ratios

for a unit step change in Awv,, from nominal brake valve timing v = 640°. As

Open-Loop Engine Speed Time Response: Step in BVT

25+
20
oy =TT T TTT T
3] _-
L 15F - -
g -7 1:Gear= 1: 1.,=12 sec
= 1 ~N : e B
g 10+ . 2 2: Gear = 5: Tes = 50 sec
L7 3: Gear =10: T, = 110 sec
’
5H 4
S e mimimimimim i
R V5~
O /— ''''''' L L 3 L L L J
0 50 100 150 200 250 300
20
.—.lsk /”’ —"—’—
(8] - -
& v < -7
3 1 7 b v
S 10t 2.7 T3
3 7 P N
< P 1: Mass = 8,500 kg: T, = 24 sec
5+ /’/\’ 2: Mass = 20,000 kg: T, = 50 sec
Yy 3: Mass = 36,500kg: Teg = 82 sec
Za
0 L L L L L J
0 50 100 150 200 250 300

time [sec]
Figure 3.6: Engine speed time response to step change in brake valve timing.

expected, there is a significant sensitivity to changes in gear ratios, as seen in
the upper plot in Figure 3.6. In fact, the time constant for the system varies
from 12 seconds when using the first gear, to 110 seconds when using the tenth
gear.

Variations in the vehicle mass also greatly influence the vehicle dynamics.
The lower plot in Figure 3.6, shows that the time constant 743, defined as the
time at which the response is 63.2 % complete [24], increases from 24 seconds
for tractor alone to 82 seconds for the combination of a tractor and fully loaded
trailer(s).

18



To quantify the effect mass and gear ratios have on the engine speed dynamics
due to step changes in the grade input AS, we consider the following second order
transfer function given by (3.22), (3.23) and (3.26):

Aw —rgMg (cos By — frsinfo)
AR (Mr2 4 I)1ys® + (Mr? + 1) — kucy + cgAyword) s + (caApwory —

PIEE
“(3.31)
The steady state gain from AfS to Aw is given by

Aw, _ —rgMg(cos By — f,sin fy)
A—B(S =0) = ’

. (3.32)

cgAywory — ki

By examining the total gear ratio r, for all 10 gear numbers as shown in Fig-

ure 3.7, we find that for the nominal point we consider,

0.12
01 t i
0.08 L i
£00.06 L i
0.04 |

0.02 |

QfF--=-=-=--
o]
O

1 2 3 4 5 6
Gear Number

10

Figure 3.7: Total gear ratio ry versus gear number selection.

w, = 157 and k, = —2.3,
for gear number 7 and smaller
k, > pchvr:g)’wo.

This means that the aerodynamic drag dominates the denominator for larger

gear numbers. The result is the following approximation of the steady-state

gain:
Aw _]1\94_57"9 for small gears (1-7)
AB _pcd]\iiwo & for large gears (8-10)
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It is, therefore, expected that the steady-state engine speed behaves in a non-
monotonic way, as the gear number increases, which is clearly evident in the
upper plot in Figure 3.8. The figure shows how much the engine speed dynamics,
to a step change in grade A = —0.06° from nominal grade 5, = —3.4°, are

affected by variations in mass and gear ratios.

Open-Loop Engine Speed Time Response: Small Step in Grade
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Figure 3.8: Engine speed response to step change in grade.

The time constant and the damping factor are given by (3.28) and (3.29),
respectively. The time constant, 743, varies from 12 to 109 seconds for gear one
and ten, respectively, and show a monotonic behavior as expected. For variations
in mass, as shown in the lower plot in Figure 3.8, the time constant varies from
24 seconds when the system consists of trailer alone, to 81 seconds for a system
of tractor and fully loaded trailer(s).

Our sensitivity analysis indicates the need for a robust control design to

address the CHV speed regulating and tracking problems during large parameter
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deviations and unknown road conditions. This is pursued in Chapter4, where
we in addition to a robust control design also summarize the work we have done

using a model reference adaptive control (MRAC) approach.

3.4 Uncertainty Analysis

The linearized vehicle model (3.22) approximates the real vehicle system around
one particular operating condition. As we already discussed in the previous
section, the large variations in vehicle mass and road grade can significantly
affect the longitudinal dynamics of heavy trucks. These parameter variations are
the largest source of model uncertainties. In addition, there is another source
of uncertainty due to the approximation we performed to derive the set of low-
order models in Chapter 3.1. To handle these uncertainties, we derive in this
section, uncertainty models needed for the robust control design carried out in
Chapter 4.

By conducting a grid search between the minimum and maximum values
for vehicle mass M, engine speed w, road grade [ and brake valve timing v,
as shown in Table 3.1 we compute the infinity norm of the transfer function

between the disturbance input 3 and the output w for each set of parameters in

the search.
15,000 <M < 25,000  (kg)
106 <w< 215 (rad/sec)
5 <p< 0 (deg)
620 <oy < 700 (deg)

Table 3.1: Range of vehicle parameters.

We refer to the set of parameters that results in the lowest peak (over the
frequency range), relative to the peaks for the other sets of parameters, as the
“best” vehicle configuration. The road grade 3 has the lowest authority to affect
the engine speed w for this particular set of parameters. The parameter set
corresponding to the highest peak of the magnitude of the transfer function

between  and w, on the other hand, is referred to as the °

‘worst.” Finally, based
on the “best” and “worst” sets of parameters we derive the parameter set that

we refer to as “nominal” vehicle configuration. The set of parameters for all
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these vehicle configurations are specified in Table 3.2.

Parameter: | Nominal Best | Worst Unit
M 20,000 | 15,000 | 25,000 kg
w 157 215 105 || rad/sec
154 -3.43 -5.0 0 deg
Ueh 640 700 620 deg

Table 3.2: Vehicle configuration parameters.

3.4.1 Modeling of Uncertainties

For each transfer function (3.23)-(3.26) of the linearized vehicle model (3.22) we
specify the uncertainty models as multiplicative perturbations in the following
form [26]:

T:G,y(s) = Go(s)(1+WA)

where I is the set of possible perturbed system models, G, € II is the particular
perturbed system model, Gy € II is the nominal system model with no uncer-
tainty, A; is any stable proper transfer function such that ||A;(jw)]||inr < 1, and
W is perturbation weight. Specifically, the perturbation weight W can be derived
as a stable and rational transfer function that covers the maximum magnitude
for the relative errors between the nominal model Gy and G, for the possible
range of parameter variations, i.e.
Gylje) = Gol)

l(w) = max | Goli) - (3.33)

Following the procedure (3.33) we now derive the perturbation weights W,
Wy, W5, and W, for the transfer functions Gu(s), Gy(s), Gg(s) and Gg(s),
respectively, as is shown next.

To obtain the uncertainty weight W, corresponding to the the compression
brake actuator dynamics model (3.24), we first specify the nominal transfer
function Gep(s). Since the coefficients ¢, 7 and kyy, in (3.24) are the functions
of engine speed w, we have the following numerical values of these parameters

for the nominal, best and worse vehicle configurations:
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Parameter: | Nominal Condition | Best Condition | Worst Condition
c 1.0 0.6 2.6
T 1.4 0.9 3.5
kv, 8.1 14 3.4

Therefore, the nominal model for (3.24) is given by the following transfer

function:
s+1
o = 8.1 . 34
G = 8177575 (3:34)
We next plot the relative errors
Gap(Jw) — Gepo (7
I (w) bljw) = G (jw) (3.35)

GcbO (](,U) 7

for the range of parameter variations Il as specified in Table 3.1. A stable and
rational transfer function that covers the maximum magnitude for /1 (w) is given

by the following uncertainty weight:

0.5613s% +4.11s* + 11.23 4.398
W, = s+ s° + s + , (3.36)
§3 4+ 5.98252 + 12.75 + 6.976

and is shown in Figure 3.9.

Analogously, we next obtain the uncertainty weight W5, corresponding to the
transfer function G, (s) of the vehicle part of the system (3.23). Specifically, a
stable rational transfer function that covers the range of relative errors (from

the nominal) is
0.0396s + 0.0318

52 +0.8271s + 0.0732’
and G, for range of parameters specified in Table 3.1, is given by:

v0 —

0.283953 + 4.68252 + 13.285 -+ 6.053
W, = - + St St . (3.37)
53 + 14.3552 + 21.635 + 7.864

and is shown in Figure 3.10.

The nominal transfer function for grade disturbance Cpy is modeled as a
static gain with numerical values corresponding to nominal, best and worst case
are —6565, —4914 and —8218, respectively. The uncertainty weight W3 then has

the following value:
W3 = 0.2501. (3.38)
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Unlike the other parts of the vehicle model, the parameters of the transfer
function for service brakes dynamics, Gy, from (3.25), do not depend on the
vehicle configuration parameters specified in Table 3.2. We, therefore, choose
a delay free nominal model, and consider the relative errors between that one
and the “real” models when the nominal parameter values for Ky, f4, and 74
in (3.25) are subjected to 50 percent error. A rational transfer that covers the
set of relative errors between the chosen nominal model and perturbed models

is given by the following transfer function:

0.5(0.69s* + 1.66s + 1)

W,
4 0.0452 + 0.4s + 1

(3.39)
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Chapter 4
Control Design

In this chapter we design controllers employing classical and modern control
techniques, for the vehicle system developed in the previous chapters. Specifi-
cally, an initial design of two Pl-controllers is carried out under the assumption
that the vehicle system may be approximated by a gain and a first order lag.
Initial linear simulations along with the analysis carried out in Chapter 3.3 indi-
cate that better performance is achieved using robust and nonlinear controllers.
Using the concept of structured singular values, we design a 12th order H,,
controller and a 20th order p—controller using DK iterations. In addition, we
summarize work we have done within MOU 393 on a model reference adaptive
controller design. Through extensive simulations, using the 24th order nonlinear

vehicle model, we demonstrate the performance of the controllers.

4.1 Classical Linear Control Design

In this section, we employ a classical Proportional plus Integral (PI) controller
design to regulate the vehicle speed v(t) to the desired constant vehicle speed
v., during a long descent down a grade. Since the engine rotational speed w,
is related to the vehicle speed by v = wry, this ensures that w — w, as long
as the gear r, is constant. Additionally, we assume that the braking with the
compression brake is preferable, because we want to minimize the use of service
brakes to potentially reduce the wear of the friction pads in the brakes.

From the open-loop pole-zero map of the vehicle given in Figure 3.5 we know

that there is a slow dominant pole at p; = —0.1. As an crude approximation of
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the open-loop vehicle system for compression braking only we, therefore, use the

following first order transfer function for this initial PI-control design:

G, = 2o (4.1)

A practical control design approach is to specify the closed-loop transfer
function to achieve a realistic settling time for the vehicle system [24]. For a
Class-8 CHV, a realistic settling time to a step change in brake valve timing v,
is approximately 7 seconds, whereas the desirable engine speed excursion away
from nominal value is Aw < 5 rad/sec.

We design a PI-controller GG, such that the closed-loop control system shown

in Figure 4.1 satisfies the following expression:

GG, 1

= 4.2
14+G.Gy  Tgess + 1 (4.2)
Solving for G, gives
1 1
G.=— .
G:v TdesS
Using G, from (4.1), the controller G, has the following form:
1
kw, »-s+1
Ge(s) = ——22 4.3
(S) kw TdesS ( )

To conform to the form of a standard PI-controller where

Grils) = ky(F22), (4.4)

we set Tges = 1/p1. We refer to this initial PI-controller as Gpr; and we select

nominal values for its parameters as

kp = _% =0.3 and 77 = Tges = 10 seconds

AW AW

—><C>—>Gc—>GX >

Figure 4.1: Block diagram for compression braking only feedback control system.
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The performance for the closed loop control system is demonstrated using
the linearized model given in (3.23). Specifically, a step change in engine speed
Awyer = -10 rad/sec from nominal wy = 157 rad/sec is shown in the left column

in Figure 4.2, whereas the performance for a step in grade A = —2° away from
nominal 3y = —3.4° is shown in the right column. Clearly, the performance is
Set Point Response Disturbance Response
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Figure 4.2: The closed-loop vehicle performance for step changes in engine speed and

road grade using the controller Gpyy.

not as good as we want it to be, the settling time is approximately 30 seconds
whereas the engine excursion due to a step change in grade is approximately 37
rad/sec.

The first step in improving the controller performance is to increase the gain
from 0.3 to 10, while keeping the integral time constant at 10 seconds. We denote
the controller with this set of parameters Gpro and show the performance for
the same step changes in engine speed and road grade in Figure 4.3. To reduce
the overshoot for a step in grade further, we reduce the integral time from 10 to
5 seconds while increasing the gain from 0.3 to 5. We refer to this PI-controller

Pl as the nominal one, as its performance will be used as a benchmark for
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Figure 4.3: The closed-loop vehicle performance for step changes in engine speed and

road grade using two different PI-controllers.

the other controller designs. The performance of P, is shown as a solid line

in Figure 4.3.
For clarity, the various controller gains are given in Table 4.1.

Controller Setting | Gpri | Gprz | Pluom
k 0.3 3 5

14

I 10 10 Y

Table 4.1: Standard Pl-controller parameters.

4.2 Modern Linear Robust Control Design

In this section, we employ modern linear robust control design and analysis
methodologies to the problem of speed control. The nominal Pl-controller de-

signed in the previous section is designed using a single nominal operating point.
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However, from the he sensitivity analysis carried out in Chapter 3.3 it is clear
that we are dealing with a set of vehicle models due to parameter variations
described in Chapter 3.4.

A control system is, in general, said to be robust if it is insensitive to dif-
ferences between the actual physical plant and the model used for the control
design, and robustness is typically evaluated by robust stability (RS) and robust
performance (RP) criteria. If a closed-loop system remains stable for all plants
within the specified set of plants, then it is regarded as being robustly stable.
Robust performance, on the other hand, is determined by how well the set of
plants meet the specified control objectives.

The control objective is speed control and regulation, hence we want to both
minimize steady state error between desired and measured speed and to minimize
the effect of various disturbances at low and mid-frequency range. This objective
can be reflected in the following choice of performance weight W, on the engine

speed output (engine speed deviation from the reference):

10(0.01s + 1)

WP
33.35 + 1

(4.5)

To penalize excessive control effort and mitigate the effects of actuator satu-
ration, we employ the following weight on the variable compression brake control

signal:

0.04(1/26s + 1)
1/500s + 1

W. (4.6)
The brake valve opening happens once per cylinder per engine cycle, hence, the
maximum useful bandwidth for the actuator corresponds to one engine cycle.
However, to reduce the actuator effort, we use a bandwidth corresponding to
three engine cycles.

Moreover, in a real vehicle application the speed measurement will be noisy.

To be able to handle this, we include the following weight on the noise:

0.255 + 60
L= sy 4.
" s+ 3000 (4.7

The frequency responses for the performance weights are shown in Figure 4.4.
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4.2.1 Robustness Analysis

Figure 4.5 shows the block diagram for the vehicle system where all the uncer-
tainties have bee modeled as multiplicative perturbations, since this is often the
preferred perturbation form [26]. By manipulating Figure 4.5 into Figure 4.6, we
have a general framework for conducting robust control synthesis and analysis
of the vehicle system. In the left half of Figure 4.6, the open-loop vehicle system
is referred to as plant P, and contains the nominal transfer functions, the un-
certainty weights, and the performance weights. The A block in the upper part
of the figure contains the uncertain elements. The controller is denoted K. The
signals shown in the figure are: the control signal Au., the road grade AfS, the
noise An, the engine speed output Aw, the design weight output for the control
actuator Ao., and the design weight output for engine speed Ao,. In addition,
iwa and owa are the input and output vectors of the uncertainty block A.

By performing a lower Linear Fractional Transformation (LFT) of P and K,
in the left half of the figure, we arrive at the closed-loop system N, which is used

for robustness analysis, for any given controller K [26].
N:E(P,K):P11+P12K([—P22K)71P21. (48)

Similarly, by performing an upper LFT, we arrive at a closed—loop system F',

where
F = F,(N,A) = Ny + Nyt A(I — Ny A) ™' Ny (4.9)

Based on Figure 4.6, and (4.8) and (4.9), we summarize the requirements for

nominal and robust stability, and nominal and robust performance as follows:

e Nominal Stability (NS):N is internally stable; i.e. for given K, the

closed—loop system is stable for the nominal plant P.
e Nominal Performance (NP): NS and || Nyl < 1.

¢ Robust Stability (RS): NS, F is stable, and VA, [|A]| < 1;i.e. for given
K, the closed—loop system remains stable for all plants in the specified

uncertainty set.

e Robust Performance (RP): NS and ||F||» < 1, and VA, [|Al|s < 1.
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Figure 4.4: Frequency response for the performance weights.
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Figure 4.5: Block diagram of the vehicle system where all the uncertainties are modeled

as multiplicative perturbations.
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Figure 4.6: Left: General configuration for robust control synthesis. Right: General

configuration for robust analysis.

A practical way of determining NS, NP, RS, and RP is to calculate the
structured singular value p. The positive, real valued function pa (M) is defined

on a complex valued matrix M the following way [26]:

1

M) =
pa (M) min(ky, | det(I — k, MA) = Ofor structured A, 7(A) < 1)

(4.10)

If no such structured A exists, then pua (M) = 0.

This means that if u=1, then there exists a perturbation A with (A) =1
which is large enough to make (I — MA) singular. Therefore, the requirements
for NP, RS and RP are satisfied if ;x < 1 in each case.

4.2.2 Robust PI-Controller

By reducing the integral time 7; from 5 to 1 second, while keeping &, = 5
constant, we are able to achieve NP, RS, and RP using a single Pl-controller,
as we see from the three p plots in Figure 4.7. Also seen in the same figure is
that the only robustness requirement the nominal PI—controller fails to meet is

robust performance. The robust PI-controller, on the other hand satisfies all
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three requirements, but as seen in Figure 4.8, the oscillatory time response of

the this controller is not satisfactory. We use this as a motivation to design a

H_—controller.

Nominal Vehicle Configuration: Reference Step Response

Aw [rad/sec]

Augy, [deg]

0
Pl
nom
27 T Plrob
-4t \
\
6 )
8t !
\
-10 \ =
A
-12
0 5 10 15

time [sec]

Aw [rad/sec]

Augy, [deg]

Disturbance Step Response

6
5 - PInom
T PIn)b
4
3
2
1
0 \ s T T T
-1 A ’
0 5 10 15
0
— Pl
nom
-10 T l:)Irob 1
-20
-30 L ‘
g
-40 !
-50
0 5 10 15
time [sec]

Figure 4.8: Reference and disturbance responses for the nominal and the robust PI-

controllers, simulated using the linearized vehicle model.

4.2.3

H_.— Controller

We design a H,-controller for the nominal vehicle plant shown in Figure 4.6.

Specifically, we consider v(K') that minimizes the closed—loop Hs-norm between

all our inputs and outputs for a given K:

V(E)opt =l N o=l F1(P, K) [[oc -

(4.11)

In practice, however, it is easier to design a sub-optimal controller, where the

assumption is that given a 7 > 7, find all stabilizing controllers K such that

| EL(P, K) [loo< -
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For the actual synthesis, we used the hinfsys command in Matlab.

The performance for a step change in engine speed Aw,.; = -10 rad/sec from
nominal wy = 157 rad/sec is shown in the left column in Figure 4.9, whereas the
performance for a step in grade A = —2° from nominal 3y = —3.4° is shown in

the right column.

Nominal Vehicle Configuration: Reference Step Response Disturbance Step Response
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Figure 4.9: Reference and disturbance responses for the Hy,—controller.

The resulting p—analysis for the closed—loop vehicle system is shown in Fig-
ure 4.10. As seen in this figure, the peak values for both RS and RP are greater
than one for the H,,—controller (dotted line), implying that this nominal design
is not able to satisfy robust stability and robust performance. We, therefore, pro-
ceed with a py—optimal control design scheme, using the D-K iteration approach
to satisfy all three robustness criteria.

4.2.4 D-K Iteration Approach

Since the constrains on g were not satisfied by the nominal H,—controller, we

employ the D-K iteration approach. This is an approach that uses an approx-
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Figure 4.10: p-analysis for all four controllers.

imate procedure to minimize the peak value of p for the closed—loop system
F,(P,K). The resulting controller is a y—optimal controller. For the actual syn-
thesis we used the graphical user interface dkitgui in Matlab. In Table 4.2 we

summarize the essential information from each iteration.

[teration Summary

[teration no. 1 2 3 4
Controller order 0 8 8 10
Total D-scale order 12 20 20 22
Gamma achieved 11.60 | 2.17 | 1.16 | 0.95
Peak p-value 5.40 | 1.80 | 1.14 | 0.91

Table 4.2: Summary of the D-K iteration approach.

The performance for a step change in reference input and a step change in
grade is shown in Figure 4.11. The performance of the p—controller is signifi-

cantly better than for the nominal PI-controller. The speed excursion is negli-
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gible for disturbance step response shown in the left column of Figure 4.11. The

Nominal Vehicle Configuration: Reference Step Response Disturbance Step Response
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Figure 4.11: Reference and disturbance time responses for the p—controller.

three robustness criteria are satisfied as shown in Figure 4.10, but the controller
order is high. After balanced realization and model order truncation we are able
to bring down the controller order from 22 to 20, but when it comes to physical

implementation, such a high-order controller might be impractical.

4.3 Comparative Linear Simulations

To compare the performance for each of the linear control designs, we show in
Figure 4.12 reference and disturbance responses for the nominal vehicle configu-
ration. As expected, the nominal PI-controller is the one that allows the highest
speed excursion for a disturbance step response. The H,, and the p—controllers
both have negligible speed excursion for disturbance step responses, and their
control efforts are also reasonably close to the two PI—controllers. For the refer-
ence step responses in the left column of Figure 4.12, on the other hand, all four

controllers perform similar. The robust PI-controller is the most oscillatory (as
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Figure 4.12: Nominal Vehicle Configuration: Reference and disturbance time

responses for all four controllers.

expected) and the the p—controller which has the highest model order is using
the most control effort to track the speed reference.

In Figure 4.13, on the other hand, we demonstrate the performance for the
worst vehicle configuration. Qualitatively, the controller performances are sim-
ilar to the ones for the nominal vehicle configuration. The differences between
the four controllers are more noticeable in this figure as compared to Figure 4.12.
This is expected since we are testing the controllers at their design limits.

The frequency responses for each of the controllers are shown in Figure 4.14.
One interesting observation here is the difference between the nominal and the
robust Pl-controllers frequency responses. The reduction of the integral time
for the nominal PI—controller leads to the robust one which exhibits oscillatory
behavior. The reason for this is that when we increase the slope of the gain,
from solid to dash-dotted lines in Figure 4.14, we increase, at the same time, the
cross—over frequency. Disturbances are, therefore, attenuated less by the robust

PI—controller than by the nominal one, resulting in the oscillatory behavior seen

39
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Figure 4.13: Worst Vehicle Configuration: Reference and disturbance time re-

sponses for all four controllers.

in Figures 4.12, and 4.13.

4.4 Nonlinear Control Design

In this section, we summarize the model reference adaptive control (MRAC)
design presented in [9]. The assumption here is that vehicle mass is constant but
unknown, and that the gear ratio r, remains fixed, which means that the total
vehicle inertia .J; is an unknown constant. In addition, we assume that the road
grade [ is unknown.

Parameterizing the vehicle model in 3.10, we get:

, 1
Go= 9—1(ch — 15 Cow® + ) (4.13)

ch = _)\cb(ch_Tst)a (414)

where T§; is now considered as a control input, and 6y, 6, are the unknown
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Figure 4.14: Bode plots for all four controllers.
parameters,

0, =J, > 0, 0y = TgFﬁ.

The controller is designed using a backstepping approach [19]. In accordance
with this iterative design procedure we first design a stabilizing control law
u(e, 0y, 0,) for (4.13), treating Ty, as a virtual input to the first-order system.

To design the MRAC we introduce a reference model that captures the desired
closed-loop behavior. Specifically,

d)ref = —)\wwf + A\we, (4.15)

where w,(t) is the desired vehicle speed and A > 0 controls the speed of response.

Denoting the tracking error by € = w — wy.f, we obtain:

.1
e = 9_1(u — TS’anJZ +02) + Ares — Awe. (4.16)

Using the certainty equivalence principle, we define the feedback law as fol-
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lows:
u=r,Cow® — 0y — 1 Mw — we). (4.17)

If 6y, 6> were known, this controller would guarantee that e(t) = w(t) —wyes(t) —

0. Since the parameters are unknown, we replace them by their estimates:
u=r,Cow” — By — O M (w — w,). (4.18)

The parameters él, 0y is adjusted by using the following speed gradient based
adaptation law:

01 = meMw—w), 71 >0. (4.19)
0, = Vo€, Yo > 0. (420)

We augment the controller in (4.19)-(4.20) with a projection scheme that en-
sures that the parameter estimates are bounded within a realistic feasible range.
The parameter updates are stopped if él, 0y attempt to leave their respective
feasible intervals:

~

0, = Projl[%e)\(w—wc),él], (4.21)
éQ = PT‘OjQ[’}/ZG,éQ],. (422)

As shown in (see [9]), this projection scheme improves the parameter estimate
transient behavior as well.

Recall that T,, is not the real control input, therefore, in accordance with
the backstepping design procedure we denote the error between T, and the real
control input u by z = T, — u(e,él,éz). To account for this error, we use the
following Lyapunov function to prove convergence e(t) — 0 (for details see [9]):

. 1 1 ~ 1~ 1
V(€, 2, 91, 92) = 562 + 2—%9% + 2—")/29% + 522 > 0. (423)

Since we know that z = T, — u, we show in ([9]) that
Ty = (1= kXN — 2 (e — ku— 1),k > 0. (4.24)

guarantees that vV <0.
To avoid having to measure acceleration directly to make the controller im-

plementable, we approximate the derivative of speed with a dirty derivative as
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suggested in [19]. This results in the following model reference adaptive con-
troller:

Ty = (1—kX3)T0— A5 (e — ku — u)

u = TgchQ — 0y — élA(w — W),
{.j/ = (20,17"2(,&) — él)\)w}f — )\(C{) — C{)C)él - ég + él)\d)c
wr = T(w—wy), (4.25)

0, = Projl[fyle)\(w—wc),él],

0y = Projs[yse, ).

In addition to avoiding acceleration measurements, we avoid measuring the

shaft torque T, by using an open-loop observer,

A ~

ch — _Acb(ch - Tst)-

The estimate Tl replaces T, in the control law (4.24). The solution of é, =
—Aev€eh, Where ey, = ch — T, exponentially converges to zero, hence we verify
in [9] that the algorithm properties are preserved with this observer. Addi-
tionally, we show that parameter convergence is achieved under persistence of
excitation type of conditions for a reduced order model.

In Figure 4.15 we show the MRAC’s speed tracking performance, and mass
and grade estimation properties. Although we do not achieve convergence of the
estimates due to the highly nonlinear vehicle model, the speed tracking, which

is the prime objective, is very good.

4.5 Simulations on Full Order Model

To compare the performance of the various controllers, we simulate the corre-
sponding closed-loop system using the 24" order, nonlinear vehicle model de-
veloped in [20]-[22]. Needless to say, closing the loop with a 12" order H,,—
controller and with a 20" order p—controller is computational very heavy. For
the p—controller, the ratio between computation time and simulation time for
the nominal speed tracking is approximately 50:1; i.e. simulating the full order,
closed—loop vehicle system for 70 seconds take approximately 60 minutes on a 1
GHz computer equipped with 512 MB RAM.
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Figure 4.15: MRAC’s speed tracking performance.
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In the following Figures 4.17 — 4.20 we demonstrate speed tracking and dis-

turbance rejection performances for all the controllers.

4.5.1 Simulation Implementation

To implement the linear controllers in the full nonlinear vehicle model, we have
to add a nominal value Wy to the control output Aug in (4.4) to ensure that
Aue = 0 results in a steady-state response for any chosen operating point.
Figure 4.16 shows a block diagram for the nonlinear vehicle system, where the

controller is implemented the following way:

ucb(t) = Aucb(t) + ng.

B Grade &
) Rolling Res
Wy , Uch Veb
Riﬁe:g:{:e — Controller — 1 > TQ w
e . . Vehicle »
- ® Diesel Engine Inertia w

Aerodynamic
Drag

—e

Figure 4.16: Block diagram for full nonlinear vehicle model.

4.5.2 Speed Tracking:

To compare the two Pl-controllers, the H,, and the p—controllers with the
MRAC, we use the same reference model (4.15) for all our simulations. This
means that the commanded reference signal w, is filtered through (4.15), result-
ing in w,.y which is the signal the controllers are tracking.

In Figure 4.17, we compare the speed tracking performance for the nominal
vehicle configuration, where the engine speed profile is show in the upper plot,
the control signal u., in the middle, while the averaged engine torque is shown

in the lower plot.
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Nominal Case: Speed Tracking
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Figure 4.17: Nominal Vehicle Configuration: Comparison of the speed reference

tracking performances for all the controllers implemented on the full order nonlinear

vehicle model.
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All the controllers are able to track the speed profile. Showing the details
in the time scale in Figure 4.18, we note that MRAC is using the most control
effort (middle plot) to follow the speed profile perfectly. Using a little less control
effort, both the H,, and the p—controllers are demonstrating perfect tracking as
well. Also evident in the same figure is that the robust PI-controller P1I,,, has
the most overshoot, and that the nominal PI-controller PI,,,,, has the slowest

response.

4.5.3 Disturbance Rejection

To demonstrate the disturbance rejection performance for the controllers, we
simulate a step change in grade A = —2° from nominal value § = —3.4°, at time
t = 1 second. This is shown in Figure 4.19 for the nominal vehicle configuration.
The control objective here is speed regulation, and the controller that does the
poorest job in terms of speed deviation is the nominal PI-controller, P1,,,. The
H., and the p—controllers perform extremely well compared to Pl,,,, and PI,.,
at the cost of increased use of control effort u., as evident in the middle plot in
Figure 4.19.

In all the simulation we have presented so far, the true value of mass and
grade are assumed known. This, however, is not the case for the MRAC, which
is evident in the first second of the simulation in Figure 4.19. Here, the initial
conditions for mass and grade are assumed to be off by 50 % compared to the
true values defined as the nominal vehicle configuration in Table 3.2.

To further demonstrate the disturbance rejection properties of the five con-
trollers, we once again simulate the same step change in road grade, but this time
we use the worst vehicle configuration. The result of this simulation is shown
in Figure 4.20. Again, a very erratic behavior due to operating close to the
switching point between combustion and compression braking is evident in the
middle and the lower plot. Similarly to the simulation results using the nominal
vehicle configuration, both PI-controllers speed trajectories deviate more away
from desired speed, than the higher-order controllers. However, they do not have

the same erratic behavior problem as the The H,, and the u—controllers do.
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Nominal Case: Speed Tracking
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Figure 4.18: Nominal Vehicle Configuration: Speed reference tracking for all the

controllers, here shown in details on the time scale.
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Nominal Case: Disturbance Rejection
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Figure 4.19: Nominal Vehicle Configuration: Disturbance rejection capabilities

for all the controllers.
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Worst Case: Disturbance Rejection
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4.6 Coordination with Gear Selection

For given vehicle mass, engine speed and road grade, there is a limitation to
the amount of compression braking each selected gear number can provide. Ne-
glecting the service brakes retarding power, (3.10) is formulated for steady state

operations the following way:
TQ+ry(Fs—F,) =0, (4.26)

where T'(Q) is the compression braking torque, r, is the total gear ratio, Fj given
by (3.13) is the force due to the road grade, and F, is aerodynamic drag forces,

given by (3.14). For simplicity, we present the equations again here:

TQ = + Oq(.:) + Oéng + OZ3Wb(Ij + &4(1)2 + OZ5Wb(Ij2

Fs = —ryMg(cosf — f,sinf)
1

F, = §pchUTZw2.
To guarantee that the compression brake is sufficiently powerful for given ve-
hicle configuration, we solve (4.26) in terms of the maximum feasible road grade

Bmae that the compression brake system can handle for chosen gear selection:

r _2 rFa - 2 rT max 25 Fa T max
2(f2+1)Mgr, Mgr,

Bmaz = arctan<

where

= = \/M2g2’l“§fr2 — QFGTQTQmam — TQ2 o Fazrg + M2g27”£2]

max

Road grade information can potentially be obtained by using a two-antenna
GPS system for a least-square based estimation scheme [1], or by using a GPS
system together with digital road maps. Assuming that the road grade is mea-
sured f3,,, the gear switching can be done by the following rule: we downshift
from gear number n to gear number (n—1) if 8, > Bae. If gear number (n—1)
is insufficient for the compression brake system to handle the grade, we simply
command yet another downshift to gear number (n — 2).

A graphical representation of (4.27) is shown in Figure 4.21. Specifically, we
show as an example that for vehicle mass M = 20,000 kg, driving with an engine
speed N, = 1500 RPM, then for gear number 5, the maximum road grade the

compression brake can compensate for is (., = —7°.
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Figure 4.21: For given vehicle mass and engine speed, there is a mazimum road grade

for what the compression brake can compensate, for each selected gear number.

To demonstrate how coordination with gear selection works, we show in Fig-
ure 4.22 a CHV encountering a too steep road grade change from f = —3.4°
to —8.4°. The engine speed w = 157 rad/sec, the mass is 20,000 kg and gear
selected is number 5. As shown in Figure 4.21, for this particular configuration,
the maximum feasible grade the compression brake can handle without saturat-
ing is Bnae = —7°, hence, we down shift the gear from number 5 to number 4, as
seen in Subplot 2. In this particular simulation, vehicle speed regulation is not
the same as engine speed regulation due to a change in gear ratios. For desired
vehicle speed shown in Subplot 5, we note an overshoot of approximately 10 %.
The engine speed is shown in Subplot 4, and due to the change in gear ratio, the
desired vehicle speed corresponds to two different levels of engine speed (dotted

lines).
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Coordination with Gear Selection
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Figure 4.22: Simulation show that the encountered grade is too large for the com-
pression. brake to handle for current gear selection, hence, a lower gear number is

automatically selected to avoid saturation.

In all the simulation scenarios we have presented so far, the use of the com-
pression brake alone or coordinated with the proper gear selection has been
sufficient to meet the speed tracking and control objectives. However, as shown
in (4.27) there is a maximum limit on the compression braking capability. To al-
leviate this problem, we propose in Chapter 5, a coordinated braking controller
design in which the service brakes are activated when the compression brake
saturate.
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4.7 Conclusion on Control Design

In this chapter, we design controllers employing classical and modern control
techniques, for the vehicles system developed in the previous chapters. Initial
linear simulations using standard PI-controllers, along with the analysis carried
out in Chapter 3.3 indicate that better performance is achieved using robust
or nonlinear controllers. Using the concept of structured singular values pu, we
design a 12th order H.,—controller and a 20th order p—controller using DK
iterations. In addition, we summarize work we have done on a model reference
adaptive controller design. Through extensive simulations, using the 24th order
nonlinear vehicle model, we demonstrate the performance of the controllers.
Although, the nominal PI-controller fails to meet the robust performance
requirement (p < 1), its low order makes it a very good choice when it comes to
practical implementation. The robust PI-controller, on the other hand, is most
likely too oscillatory for any practical use. The H,—controller is our second
choice. It is of order 12, but this one, too, fails to meet the robust performance
requirement. As for the p—controller, it satisfies the robust performance require-
ment, however, the high order of this one makes it unattractive. As for the
model reference adaptive controller, more work has to be done to assess how
sensitive the design is to the parameters in the open-loop torque observer. In
addition, parameter estimation of mass and grade, although secondary to the
speed control objective, is guaranteed on a reduced order model, as shown in
Figure 4.15, under the persistence of excitation type of conditions. However,
this is not achieved on the full nonlinear vehicle model, but is currently being

investigated.
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Chapter 5

Coordinated Braking Controller

In this chapter, we demonstrate the performance of coordinated braking con-
troller (CBC) design through simulations of four driving scenarios. For the
simulations we use the nominal PI-controller on the compression brake, but any
of the other controllers discussed in the previous chapter will work as well.

To assess the improvements we achieve using the CBC design, we simulate
four driving scenarios using the coordination of the compression brake and the
service brakes. We then simulate the same scenarios with the compression brake
disabled, using P—control on the service brakes only (SBO) as the sole retarding

source.

5.1 Control Design

In Chapter 4, the following PI-controller for compression braking only is de-

signed:

ue(t) = kp ((wc —w(t)) + 1 /Ot(wc — w(T))dT> + Who. (5.1)

T

Coordination of the compression brake with the service brakes is achieved by

using the following P—controller on the service brakes:

’Usb(t) = —ksb(ud, — satmm(ucb)), (52)

where vy, is the input to the service brake actuator as shown in Figure 5.1.
Based on (5.2), the service brakes are activated when the control signal for

compression brake (5.1) reaches its minimum value sat,i,(ues) = —100. The
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Figure 5.1: Block diagram for coordinated braking controller (CBC) scheme.

control strategy based on (5.1)—(5.2) assigns high priority to the compression
brake and uses the service brakes only when absolutely necessary. This reduces
the use of conventional service brakes, thus, reduces their wear and potentially
maintenance costs.

For the tuning of the gain of the service brake controller, we still want to
minimize steady state error between desired and measured speed and to minimize
the effect of various disturbances. After several iterations of simulating the
vehicle system when it saturates due to large step changes in road grade 3, the
following parameter is chosen: kg, = 0.1.

To clearly illustrate how the coordination of the two braking mechanisms
look like in terms of their controller signals, we show in Figure 5.2 the saturation
of the control signal for compression brake u,, followed by the activation of the
control signal for the service brakes ug,, due to a large step change in road grade
B. As seen in the lower plot, both the compression brake and the service brakes
are activated to maintain the engine speed. After an initial speed excursion, the
engine speed is regulated to desired level after 16 seconds.

In the next section, we demonstrate how the coordinated braking control de-
sign reduces the use of service brakes through simulations of four critical driving

scenarios.
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Figure 5.2: Switching from combustion to braking mode.

5.2 Simulations on Full Order Model

In this section, we demonstrate the performance of coordinated braking con-
troller (CBC) design through simulations of four driving scenarios (DS). We use
the nominal PI-controller on the compression brake, and the P—controller on the

service brakes when they are engaged due to the saturation of the compression
brake.

5.2.1 Driving Scenario 1:

The driving scenario shown in Figure 5.3, illustrates a CHV in braking mode,
descending on a constant grade, 5 = —2 degrees (Subplot 1). The total gear
ratio r, (here, corresponding to the fifth gear), is kept constant throughout the
simulations. After two seconds, we command a step change in desired engine
speed w from 157 to 149 rad/sec (Subplot 5). The settling time is approximately
6 seconds. In the first driving scenario, we show simulation results using the

full order nonlinear vehicle model in addition to a reduced order vehicle model
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Figure 5.3: Driving Scenario 1: Step change in desired engine speed from 157
to 149 rad/sec when operating in braking mode. Results from using the full order
nonlinear vehicle model is show as solid lines, while results from using a reduced order

model is shown as dotted lines.

using the extracted linear engine dynamics. This is added to demonstrate that
the model order reduction performed in [22] is good. Indeed the reduced order
vehicle model is capable of capturing the dynamics the behavior of the nonlinear
full order model for this particular driving scenario. Computation time for the
full order vehicle model is approximately 20 minutes for 20 seconds of simulation,
while the computing time for the reduced order model is only approximately 10
seconds.

5.2.2 Driving Scenario 2:

Figure 5.4 illustrates a CHV in braking mode, initially descending on a grade,
f = —3.4° degrees (Subplot 1). After two seconds, the CHV encounters a step
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change in grade from —3.4° to —10.4°, which is too much for the compression
brake to handle alone. Upon the saturation of the control signal for the compres-
sion brake u, (Subplot 2), the service brakes are activated, as seen in the same
Subplot. After an initial excursion, the engine speed in regulated to desired level

after approximately 10 seconds.

CBC: Disturbance Response
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Figure 5.4: Driving Scenario 2: Large step in grade while operating braking mode

results in saturation of uqy which activates the service brakes.

5.2.3 Driving Scenario 3:

Driving scenario 3, shown in Figure 5.5, shows the CHV performing a transition
from combustion mode to braking mode. The truck is initially driving uphill for
two seconds until it encounters a grade change from § = 2.4° to f = —2.6° as

seen in Subplot 1. The compression brake is engaged (Subplot 3), and the engine
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speed is regulated to desired level after approximately 10 seconds, without the
use of service brakes.

CBC: Disturbance Response
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Figure 5.5: Driving Scenario 3: Transition from combustion to braking mode due

to a small step change in grade. Service Brakes are not engaged.

5.2.4 Driving Scenario 4:

In the fourth and most demanding driving scenario, shown in Figure 5.5, the
CHV is once again performing a transition from combustion mode to braking
mode. The truck is initially driving uphill for two seconds until it encounters a
very large grade change from 8 = 2.4° to f = —7.6° as seen in Subplot 1. How-
ever, the grade disturbance is too large for the compression brake, it saturates
and thus engages the service brakes, as seen in Subplot 2. After approximately

10 seconds, the engine speed is regulated to desired level.
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CBC: Disturbance Response
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Figure 5.6: Driving Scenario 4: Transition from combustion to braking mode due
to a large step change in grade. The control output for the compression brake saturates

and due to that, the service brakes are activated.

In Figure 5.7 we show the corresponding phase plots of the retarding power
versus vehicle speed for driving scenario 1 and 4, to demonstrate the importance
of taking the dynamics into account when we perform engine speed equilibrium

analysis.

5.3 Improvements using Coordination of Brakes

To quantify the improvements we achieve using the CBC controller scheme, we
define the following performance index:

tset
I= / vo(7)2dr, (5.3)
0
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Figure 5.7: Phase plots for driving scenario 1 and 4.

where the settling time t,.; is defined as the time required for the service brake
actuator signal vy, to reach and remain inside a band whose width is equal to
+ 5 % of the new steady state value [24].

In driving scenario 2 and 4, the service brakes have to be used to regulate
engine speed. Initial results using (5.3) indicates that the ratio between the use
of service brakes for SBO and CBC is approximately 17.5 for DS 2, and 45 for
DS 4. This means that using a coordinated braking controller scheme in critical
longitudinal maneuvers, potentially reduces the use of service brakes by a factor
of 45.

If we in addition to comparing performance indices, compare settling times
tser for the same two driving scenarios, we find that ¢, is reduced from about 6.5
to about 4.2 seconds for DS 2, and from about 10 to 4 seconds for DS 4. Driving
scenario 4, in which the CHV is going through a transition from combustion to
braking due to a large step change in grade is a critical longitudinal maneuver,
hence, a decrease in the settling time by a factor of 2 is substantial when it comes

to reduction of wear and tear on the friction pads in the service brakes.

62



Chapter 6

Conclusions and Future Work

In Automated Highway Systems two major goals are to increase highway ca-
pacity and to enhance driving safety. The work presented in this report demon-
strates that retarding power and retarding control are critical in accommodating
higher operational speed and acceleration performance of modern Commercial
Heavy Vehicles. The use of the compression brake in coordination with the ser-
vice brakes increases the overall retarding power of the vehicle and reduces the
maintenance cost of the service brakes. The compression brake can be used con-
tinuously without the danger of overheating, and is, thus, a natural actuator to

be used for longitudinal speed control.

e Initial linear PI-controllers are designed to emulate the driver’s actions to

maintain desired vehicle speed during descends on long road grades.

e To account for the parameter variations and model uncertainty in the CHV,
we employ robust control analysis techniques and design an H,,—controller

and a p—controller.

e To effectively control the vehicle system for the large and unknown varia-
tions in mass and grade, a model reference adaptive controller is presented.
Mass and grade estimations are proven to converge on a reduced vehicle

model.

A natural extension of the work presented herein is to enhance safety during
critical lateral maneuvers. One of the most common causes of highway accidents
involving CHVs is the uncontrolled large relative yaw motion between the trac-

tor and the trailer. Lateral control schemes which independently controls the
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braking force on the outer and inner rear trailer wheels do already exists. How-
ever, due to the increase in operational speed, the conventional service brakes
operated close to pressure limits. By coordinating the developed continuously
variable compression brake with the conventional service brakes and the steering

mechanism, we can potentially eliminate this safety problem.
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Appendix A

Nomenclature

In the following table, the symbol { indicates a variable where z is replaced with:
f for front exhaust manifold, r for rear exhaust manifold and ¢ for collector
exhaust manifold.

B road grade (°)

Me compressor efficiency

i turbine efficiency

¥ specific heat ratio of air

7 rolling resistance

w engine speed (rad/sec)

P standard orifice flow function
P air density (kg/m?)

0 crank angle (?)

A frontal area of the truck (m?)
B cylinder bore (m)

BVT Brake Valve Timing
Cy drag coefficient

& specific heat capacity for constant pressure (J/kg K)
Cy specific heat capacity for constant volume (J/kg K)
Cy quadratic resistive coefficient

EM  exhaust manifold

Fj gravity force due to grade (N)
Fy friction brake force (N)

F,qr  aerodynamic force (N)

F, rolling resistance force (N)
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gy differential gear ratio

gt transmission gear ratio

IM intake manifold

I, mass polar moment of inertia (Nm sec?)
Je engine inertia (Nm sec?)

Ji total vehicle inertia (Nm sec?)
Meyi; mass, cylinder j (kg)

Me, T mass, EM (kg)

N, engine speed (RPM)

Nic turbocharger speed (RPM)

Peyl; pressure, cylinder j (Pa)

De, T pressure, EM (Pa)

Do ambient pressure (Pa)

P, compressor power (W)

P, turbine power (W)

Qnt heat transfer (J/sec)

Qi lower heating value for diesel fuel (J/kg)
r crank radius (m)

R gas constant (J/kg K)

Tw wheel radius (m)

re compression ratio

g total rear ratio

Ty, temperature, cylinder j (K)

Te, t temperature, EM (K)

tsp service brake time constant (sec)
Ty ambient temperature (K)

T, compressor temperature (K)

T; temperature, IM (K)

TQ averaged engine torque (Nm)

TQshaft engine shaft torque (Nm)
TQey;  torque contribution from cylinder j (Nm)

Ugh output from service brake controller

v vehicle speed (m/sec)

Vey; volume, cylinder j (m?)

chlj rate of change in volume, cylinder j (m?/sec)
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volume EM (m3)

volume, EM (m?)

brake valve timing ()

service brake air pressure (Pa)
fuel flow (kg/sec)

volume IM (m?)

unified engine signal corresponding to brake valve timing

unified engine signal corresponding to fuel flow
apparent fuel burn rate, cylinder j (kg/sec)

mass air flow from cylinder j into EM (kg/sec)
mass air flow from cylinder j into IM (kg/sec)
mass air flow from collector to front EM (kg/sec)
mass air flow from collector to rear EM (kg/sec)
mass air flow from front to collector EM (kg/sec)
mass air flow from rear to collector EM (kg/sec)
mass air flow EM into cylinder j (kg/sec)

fuel burned rate, cylinder j (kg/sec)

mass air flow from IM into cylinder j (kg/sec)
mass air flow from IM into cylinder j (kg/sec)
compressor mass flow (kg/sec)

turbine mass flow (kg/sec)
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Appendix B

Braking Mode: Parameterization

of Dynamics

Based on standard regression techniques, we employ the following parameteri-
zations for the reduced order engine model described in Chapter 3.
We approximate the static torque for compression braking using the following

second order polynomial:

TQ() = [1 @) Wit) Wy(t)o(t) w(t)*We(t) ©(t)?] -a
where
ol =[-7.932-10° 9.894,13.070, —1.600 - 1072, —5.221 - 102, 8.460 - 107°].

The regression is shown in Figure B.1, where the overall standard deviation of
is 42.2 Nm, the mean is 11.5, and the maximum absolute error is less than 15
percent.

For the transfer function constants described in (3.3) and (3.6), we approxi-

mate the dynamics with the following set of polynomials:

Tw = Pri(wo, Wio) = [1,wo, Wi, wo - Wio, wp] ba
2.497 - 10!
—9.108 - 1073 - 20
by = —3.734 - 1072
1.602-107° - %
—6.871 - 1077 - (22)2

™
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Figure B.1: Regression of compression braking torque.

co = Pra(wo, Wio) = [1, wo, Wio, wo - Wi, wi] bs

1.267 - 10"
—6.586 - 1072 - 2
b = | —1.711-1072

8.225.10°6. 32
2.486 - 1077 - (22)2

™

T = Pas(wo, Wio) = [1, W, wo, wo - Wio, Wig] by
1.435 - 10?
—3.784-10"!
b = | —1.468-10°%-%
2.044-1075 - 2
2.501 - 10~
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¢ = Ppalwo, Wen) = [1, Wyo, wo, wo - Who, W) b
7.075 - 10!
—1.649-10*
by = | —1.311-1072-2
1.861-107°- 2
9.176 - 107°

To = Prs(wy, Wy) =10-1073

Figure B.2 shows the regression for the transfer function constants, while
Table B.1 outlines the statistics for the regression.
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Figure B.2: Regression of the poles and zeros for the compression brake mode.
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standard deviation | mean | maximum absolute error

T 0.006 0 2%
0.03 0 -13 %

Tw 0.13 0 17.5 %
Cw 0.02 0 37 %

Table B.1: Braking Mode: Statistics for regression of poles and zeros.
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